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Abstract 

The last stage blade rows of modern low-pressure gas turbines are subjected to high static and dynamic loads. 

The centrifugal forces primarily cause the static loads due to the gas turbine's rotational speed. Dynamic loads 

can be caused by stationary gas forces, for example. A primary goal in designing modern and robust blade 

rows is to prevent high cycle fatigue caused by dynamic loads due to synchronous or non-synchronous 

excitation mechanisms. Damping elements are one of the most common structures to alleviate excessive 

vibration amplitudes in turbo machinery applications. This paper deals with fracture investigations of the gas 

turbine blade of a 15 MW Gas injection station in national Iranian south oil company in the southwest of Iran. 

Macroscopic and scanning electron microscopy images of the fracture section of the tube show two 

phenomena erosion and fatigue. Therefore, to more accurately identify the cause of the failure, stress and 

vibration analysis of the blade is performed individually and coupled with other blades by the connecting 

tube using ANSYS software. To validate finite element results, modal test of single blade and group of blades 

is done. According to the observation of fatigue at the section of the tube failure and the possibility of error 

in the design, the sensitivity measurement of the diameter and installation position of the tube is done. 
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1. Introduction  

Particularly broad operating ranges and the appearance of a multitude of excitation mechanisms as present 

in industrial turbomachinery like turbines, compressors, pumps, fans, etc. require a resonance-proof blade 

design. Above all variable speed applications are associated with continuous resonance situations, which 

must not compromise the mechanical integrity Schubert and Tusche [1].  

 Low-pressure turbine blades (LPTB) are exposed to very large centrifugal and aerodynamic forces during 

operation and their stiffness is quite low, which makes them to operate in a very severe condition. Relatively 

thin airfoils with complex 3D shapes need to be utilized in order to maximize efficiency and to minimize 

kinetic energy losses. In addition, the high variability of operating conditions, which is a typical situation for 

mechanical drive applications, requires different types of damper design approaches to be able to increase 

effectiveness. There are several studies for the nonlinear dynamic assessment of LPTBs with friction 

interfaces in the literature [2-5].  

One of the effective ways to prevent blade resonance is to vibration control or keep the vibration amplitude 

low. For constant velocity applications, this is done by tuning the blade frequencies separate from the engine 

order harmonics. In contrast, in several industrial applications, turbines have to run with variable speed – e.g. 

for mechanical drives – and blade resonance vibration will occur when a blade natural frequency coincides 

with one of the engine order harmonics. In the case of resonant vibration, a practical and straightforward way 

to reduce vibration amplitudes is to introduce damping elements like damping tubes or lacing wires, which 

use energy dissipation from dry friction [3]. The most common examples are the blade-disk interfaces [6, 7], 

the shrouds at the blade tip [8, 9], ring dampers [10, 11] and friction dampers located under the blade 

platforms [12-14]. One of the important solutions to reduce dynamic response amplitudes is to avoid 

resonance regions as much as possible with blade detuning. However, changing the natural frequency values 

of the turbomachinery parts is not too feasible due to the high modal density and wide spectrum of the external 

excitation force. Another very well-known and efficient technique is to utilize dry friction damping for 

passive control of the vibration. There are several ways used in the turbine blades by deliberately 

implementing friction to the system in order to dissipate the energy [5]. Various research works have been 

done on the effects of erosion and corrosion particles in the hot gases passing through the turbine blades. In 

near-sea installations, chloride salts are very common compounds found in the air flowing to the turbine. 

Such corrosive and abrasive factors significantly damage the damping elements between the blades. The 

damage is such that pitting is formed on the surface of the damping element, which becomes the place of 

stress concentration, crack growth, and failure under the effect of heavy loads caused by centrifugal and 
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aerodynamic forces [15-19]. You [20] established a method for predicting the fatigue life of the blades 

considering external loads, employing the theory of continuous damage mechanics. Qi et al. [21] calculated 

the steady and unsteady flow fields to study the blade vibration characteristics. They derived the variation 

law of aerodynamic damping with the blade phase angle and blade local working coefficient under critical 

conditions. Fuhrer et al. [22] used the energy method to predict the aerodynamic damping of the last stage 

blade of the steam turbine through numerical simulations. They compared the potential flutter hazards of the 

aerodynamic damping and different blade root fixation methods under different traveling wave modes. 

Rzadkowski et al. [23] simulated the aeroelastic problem of the last stage rotor blade of the steam turbine. 

They obtained the low-frequency component of the axial force. The results showed that the unsteady pressure 

fluctuation would cause the rotor blade to vibrate in different bending torsion modes. Wang et al. [24] derived 

the closed-form formulas for damping strength and resonance frequency and proposed a vibration theory 

method that can obtain the resonance frequency of nonlinear oscillations. Graciano et al. [25] analyzed the 

damping, stiffness, and natural frequency of steam turbine blades using Ansys software. Based on the 

obtained results, the Steinberg 3-band technique and Palmgren-Miner cumulative damage rule were used to 

calculate fatigue damage and useful life. Wang et al.[26] investigated the vibrations of the turbine blade with 

cracks using a nonlinear dynamic vibration analytical model and investigated its effects on the fatigue 

characteristic. Hu et al. [27] investigated the vibration characteristics and blade life estimation of the last row 

of the steam turbine under the effect of damage caused by water droplets. Previous studies have mainly 

investigated mistuning due to blade damage. However, in practical applications, it should be noted that the 

damping element often damages in blade disk system. Few works [28-30] have been focused on bladed 

packets due to shroud damage. Distributed parameter model is applied to investigate the effect of lacing wire 

damage-induced mistuning on modal characteristics [30] In order to research the effect of damage on the 

natural characteristics of bladed packet, an index is introduced. In order to establish the relationship between 

the damage and shift in the modal of mistuned bladed packet due to shroud and blade damages, a lumped 

parameter model is developed [29]. The shroud used to reduce vibration localization has been researched 

[28]. Other ways of reducing the vibration of the structure are conducted [31] gas turbines are developing 

towards high power and high reliability. Despite extensive research on the turbine blade, the vibrations of the 

coupled blade group and damage sensitivity on the damping element on an industrial turbine model have not 

been investigated. Some recent research has been conducted to investigate the vibrations of simple blades in 

laboratory setups [32]. 

In this paper, the vibration behavior of a group of blades of an industrial gas turbine which are coupled with 

a damping tube was investigated. Damping element damage, although not as catastrophic as blade failure, is 
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more frequent in occurrences and often acts as a precursor to subsequent blade damage. Detection of damping 

element damage is therefore equally important. Stress analysis was performed using ANSYS software in 

order to identify the area of stress concentration on the damping tube. The modal test of a single blade and a 

group of blades is performed. Campbell's diagrams of group blades are extracted in healthy and damaged 

damping tubes. In the following, damping ratios and dynamic stress analysis are calculated. The FEM 

simulation results showed that high stress occurred in the areas where the erosion pits in macrostructure and 

crack initiation in microstructure under both dynamic and static forces. In the following, the damping tube 

effect on natural frequencies of group blades is studied to control the vibrations and stay away from the 

excitation frequencies to prevent the occurrence of resonance. The damping tube damage leads to a decrease 

in the natural frequency of the first bending mode and reduces the fatigue life of the blades. The dynamic 

stress calculations show that the first bending mode is the most critical mode. 

 

2. Problem definition 

The free power turbine serves to convert the gas energy to mechanical rotary energy or brake horsepower. 

Closely coupled to the gas generator by a transition duct, the power turbine extends the gas generator 

combustion products through one or two turbine stages and the residual gas energy is exhausted to the 

atmosphere [33]. The rotative power produced in the power turbine is then available for mechanical couplings 

to the driven equipment. Fig. 1 shows a cross-section view of the 15MW gas turbine package that was utilized 

to drive a centrifugal pipeline booster to compress natural gas. Exhaust gas from the hot section of the gas 

generator is used as a power drive for the turbine, with a temperature of about 637 ̊ C. Fig. 2 shows the general 

assembly of the relevant power turbine. The first stage of the power turbine consists of 42 blade sets. This 

stage consists of 6 groups of 6 blades and 2 groups of 5 blades with a damping tube. 

Fig. 3 (the only remaining data of the desired turbine) shows the monitoring parameters by the gas station 

control room, which include, the gas generator and power turbine rotational speed in startup mode until 

reaching the nominal speed. The power turbine nominal speed is 4960 rpm, which will increase up to 5200 

rpm. The over speed power turbine speed is 5500 rpm. The first stage of the power turbine blade made of 

nickel-based super alloy Waspaloy and the damping tube made of Inconel 718, having an operating 

temperature of about 550˚C, pressure of 0.2 bar and rotates 4900 – 5200 rpm was investigated. 
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Fig. 1. Gas turbine and power turbine schematic.[34] 

 

 

Fig. 2. The desired gas turbine (a) Rotor assembly, (b) Arrangement of a group of blades (c) Connection between damping tube and blade 
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Fig. 3. Parameters recorded by control room during unit operation 

 

After visual inspection during the unit overhaul of the power turbine rotor, a failure was observed in the 

area of the damping tube of the group of six blades. Therefore, a group of six blades was studied. The blade 

under evaluation is 250 mm in length. The macroscopic details of the failed tube were studied through visual 

inspection. The fractured damping tube is shown in Fig. 4. The failure of the damping tube has been observed 

in the group of six blades. This failure occurred in the left and right areas of the fifth blade.  

 

Fig. 4. The damping tube failure 
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The light colors in Fig. 5 indicate the eroded suction side of the blade surfaces. The origin of erosion is the 

separation and turbulation of the flow due to the collision with the damping tube. 

 

Fig. 5. Suction side eroded of first stage blades 

 

3. Finite Element Analysis 

3.1 stress analysis under static loads 

The computational mechanics procedure used in this work consisted first in digitize a single blade for 

obtaining a file with the geometric dimensions and, secondly, to build a solid CAD model of the blade. The 

3D assembly of group-blades, disk and damping tube was converted to a FEM. The 3D-modeling and 

assembly process shown in Fig. 6.  

10-Node quadratic tetrahedron (solid 187) elements were used to mesh the blade. Analysis of a thermal-

stress coupled field resulting from the collision of combustion hot gas with the blade provided accurate 

solutions to 3D stress coupled-field problems. This model contained 180630 nodes and 98651 elements. In 

defining the boundary conditions for static analysis, it was assumed that the blade was fixed on the disc and 

due to the thermal expansion and close compliance of the damping tube with the blade hole, it is considered 

a bonded connection. According to the data from the gas turbine, as received by the control room at failure 

time, the exhaust temperature was 637 °C, the rotor speed was 5200 rpm and the gas pressure was 0.2 MPa. 

As shown in to Fig. 7, the function considered for temperature distribution was a quadratic equation for blade 

length, and its maximum value was 637 °C.   
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Fig. 6. A general view of digitizing process, assembled and meshed model 

 

Fig. 7. Boundary conditions and loading on group blades 

 

Afterwards, essential mechanical properties based on Table 1 are defined to software. According to the 

visual observation of the fracture surface and the effects of erosion on the surface of the damping tube, in 

general, the phenomenon of erosion can be considered as the cause of tube failure. Therefore, the static and 

vibration simulation of the blade group is investigated. 

Based on the signs of blade erosion in Fig. 5, the pitting was first created under the erosion and wear effect 

due to the high velocity of the gas collision. Based on Fracture surfaces shown in Fig. 8, the micro pits on the 

surface of the tube in location "A" lead to the microcrack initiations around it. These micro-cracks grow up 

to the area of the yellow dashed line and lead to the tube failure and cutting shown in Fig. 8c. 
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Fig. 8. Damping tube (a) failure zone, (b) Zone A (c) Zone B, (d) Magnified view of fractured surface of Zone A 

 

Static analysis is performed in order to identify stress concentration areas and check these areas with 

fracture sections. The majority of the tensile stress is due to centrifugal load. The key mechanical properties 

were defined in the ANSYS according to Table 1. 

Table 1. Mechanical properties of Blade and Tube at room and operating temperature 

Materials Waspaloy [Blade] IN718 [Tube] 

Temperature (˚C) 21 650 21 650 

Young’s modulus (GPa) 211 171 208 162 

Density (g/cm3) 8.19 8.19 8.22 8.22 

Yield strength  

(MPa) 
1076 980 1172 1027 

UTS [MPa] 1441 1358 1407 1158 

% Elongation 27 22 21 19 

 

The first consequence of centrifugal force is to influence the geometric form of blade. Those blades which 

are heavily twisted or which have non-symmetric cross sections are liable to change in their geometric form 

under running conditions. In the Fig. 9a, the total deformation of the group blades shows that the tube has 

undergone a distortion. This distortion creates areas of high stress on the surface of the tube. 

 Fig. 9b shows equivalent von mises stress distribution for health group blade while group-blades are 

connected with the damping tube and damage group blade under pitting and cutting in damping tube. Clearly, 

the highest stress is less than the yield strength IN718 (Table 1). Therefore, the system can sustain the forces 

under static conditions with no major crack. Fig. 9c shows that if the tube is cut in location A, the place of 

maximum stress will move to location B. Considering the closeness of von Mises equivalent stress values of 
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health and damage tube in Fig. 9b, it is concluded that the main purpose of the damping tube was not the task 

of control and reduction of static stress, and its task is something else. The most important candidate 

parameter for the philosophy of using the damping tube between the blades is to control the vibrations of the 

blades, which will be discussed further. 

 

Fig. 9. Static analysis of health and damage tube (a) Total deformation of, (b) Equivalent Von-Mises stress of health and damage tube (c) 

stress concentration. 
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The pitting created by the erosion caused by the separation of the fluid flow on the surface of the tube create 

a high stress area close to the yield stress. This area is prone to fatigue crack growth and failure. Fig. 10 shows 

the Von Mises stress contour in the pitting formation area. 

 

Fig. 10. Equivalent Von-Mises stress of (a) group blades, (b) pitting on damping tube 

 

3.2 Modal and Harmonic Analysis 

The resonance phenomenon increases dynamic stresses, which is the main cause of high cycle fatigue. Several 

factors such as manufacturing errors, erosion and corrosion can cause changes the modal characteristics of 

blades. 

The results of a single blade frequency response are used for two purposes. First, the 3D model of the 

created blade is evaluated based on the complexities of the airfoil geometry and material definition. So that 

the difference between the FEM model and the actual blade should be minor so that the model has sufficient 

reliability to continue the FEM analysis. The second step, damping coefficients are extracted to calculate 

harmonic analysis and dynamic stresses. 

One PCB-353B15 miniature piezoelectric uniaxial acceleration sensor and a 2KN impact hammer are used 

to perform modal testing. The comparison between the test (Fig. 11) and the FEM model (Fig. 12) shows that 

the frequency difference of the first mode is about 2% and the second mode is about 1%, which shows that 

the modeling, material definition and meshing of blade have been done with good accuracy.  
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Fig. 11. FRF of free-free single blade 

 

Fig. 12.FEM modal result of free-free single blade 

Due to the complete assembly of the rotor and the existence of non-linear factors of surface contact, the modal 

test was only able to measure the natural frequency of the first bending mode of the group-blades (Fig. 13(. 

The results of modal test and finite element simulation for the first bending mode are shown in the Fig. 14. 

 

Fig. 13. Group blades assembly Vibration test setup 
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Fig. 14. Comparison FEM and test results of 1st natural frequency for group blades 

The measured value of the frequency for the group-blades is about 430 Hz (yellow points) and the value 

calculated by the FEM is 463.5 Hz. The 6% difference between the modal test and the FEM shows the high 

accuracy of modeling, definition of boundary conditions and material. 

As stated in Section 3.1, the modal parameters of a single blade are different from a group-blades coupled 

by a damping tube. Therefore, the modal characteristics of a group-blades system cannot be accurately 

predicted by a single blade analysis. In this section, the comparison of the results of the natural frequencies 

and the mode shapes of the single blade and the group-blades coupled by the damping tube has been 

investigated. The purpose of comparing the modal characteristics of a single blade and group-blades is to find 

the answer to the following two questions: 

1- What are the differences between the dynamic behavior of a single blade and group-blades, and what 

was the philosophy of the designer? 

2- Considering that the damping tube is damaged under the effect of erosion, what changes will there 

be in the critical modes and the dynamic stresses? 

In order to investigate the causes of the failure of the group-blades, it is first necessary to evaluate the 

design philosophy of the manufacturer. In the first step, the stress and vibrations of a single blade are analyzed. 

Single-blade boundary conditions are the condition of a fixed support in fir tree root and the loading 

conditions are the effects of temperature, pressure and centrifugal force distribution due to rotational speed. 

The Campbell diagram for a single blade and a group of blades coupled to each other with a damping tube 

is shown in Fig. 15 and Fig. 16. The Campbell diagram is an overall view of regional vibration excitation that 
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can occur on an operating system. The Campbell diagram can be generated from machine design criteria or 

from machine operating data.  

For the single-blade mode, which somehow indicates the lack of connection of the damping tube between 

the blades, two natural frequency interferences with excitation harmonics have occurred in the working speed 

range. One of the interfere is related to the first bending mode with the fifth harmonic and the other 

interference is related to the sixth mode with the 42nd harmonic, which is related to the passing frequency of 

the second stage stator blades. 

 

Fig. 15. Campbell diagram of single blade 

A
C
C
E
P
T
E
D
 M

A
N

U
S
C
R
IP

T



 

Fig. 16. Campbell diagram of group blades 

 

Since the turbine blades vibrate due to the low harmonics of the engine, these excitations should also be 

considered in the Campbell diagram. Campbell's diagram for the first mode is shown in Fig. 17. Damage in 

the damping tube causes the connection between the vanes to break. So that a single blade will have a lower 

frequency than the group of blades. The results of the diagram show that the cutting of the tube causes a 30% 

decrease in the frequency of the first bending mode of the blade in such a way that it will interfere with the 

fifth harmonic of the excitation in the range of 4900 rpm. 
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Fig. 17. Comparison of Campbell's diagram of the first mode of the blade group in the state of healthy and damaged tube 

 

Comparing the Campbell diagram of the group of blades in healthy and damaged conditions, it is clear that 

the cut of the connection between the blades will lead to the resonance of the blade in the first mode with the 

fifth harmonic. 

In the following, checking whether the initial design has been done correctly by the turbine manufacturing 

company (OEM), the sensitivity of the existing system is evaluated. The position of the tube installation and 

the internal diameter of the tube on the vibrations of the first bending mode of the blade are shown in the 

Fig. 18 and Fig. 19.  

Based on Fig. 18 the distance of the tube to about 70% of the hub blade increases the frequency of the first 

bending mode and for a distance of more than 70% reduces the natural frequency. The main reason for the 

decrease in blade natural frequency at the tube position in the last 30% is the effect of the mass of the tube at 

the blade tip or the predominant effect of the concentrated mass relative to the stiffness effect. 

Fig. 19 shows increasing the diameter ratio reduces the stiffness of the connection between the blades. 

Reducing the difference between the inner and outer diameters reduces the natural frequencies of the blades. 

The best design is the diameter ratio of 0.6, which is in the safe range of resonance for the first mode. 
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Fig. 18. The 1st bending natural frequency versus interconnection location 

 

Fig. 19. The 1st four natural frequencies versus interconnection stiffness 

 

Based on the analyzed sensitivity, it can be concluded that the main design criterion of the OEM is to avoid 

the resonance of the first bending mode of the blade with low order harmonics of the turbine. For this purpose, 

harmonic analysis is conducted in order to obtain the dynamic stresses of critical modes. The first step to 

obtain dynamic stresses is the accurate calculation of damping coefficients. 
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In the following, the dynamic stresses of the blade are calculated in the state of healthy and damaged 

damping tubes. Dynamic stress is performed in the harmonic response environment of ANSYS software. In 

order to accurately analyze the stress and amplitude of vibrations, it is necessary to extract the damping ratios 

of the system using the modal test. 

The damping ratios of blades from impact test measurement for single blade and groups blades are both 

calculated by the half power bandwidth method. The principle of the half-power bandwidth method is that 

we need to obtain the resonance peak of frequency response of the system, and then damping parameters of 

the system are obtained by using the resonance frequency and two frequency points with 1/√2 times decrease 

in the resonance amplitude near resonance peak, so the solution formula can be expressed as following[35]. 

2 1

0

2
f f

f



  

The ξ is the damping ratio, 𝑓0 resonance frequency, 𝑓1 and 𝑓2 the two frequency values which are 1/√2 

times resonance peak at the two sides of resonance frequency as shown in Fig. 20 for single blade and Fig. 

21 for group-blades. The damping ratio calculated by the half-power method for a single blade is 0.006 and 

0.058 for a group of blades. The damping tube has increased the damping ratio by ten times. Analyzing the 

effects of the damping ratio on dynamic stresses and vibration amplitude is presented in the harmonic analysis 

section. 

 

Fig. 20. Damping Ratio of single blade 
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Fig. 21. Damping ration of group blades 

 

When the damping tube is failed, one blade will lose its connection with other blades. This leads to a 

decrease in the natural frequency of a single blade compared to connected blades. According to Fig. 22, the 

single blade will vibrate with a frequency of 400 Hz with an amplitude of 1.1 mm and a dynamic stress of 

38−
+  MPa. If the group of blades connected to each other have a frequency of about 450 Hz and the range of 

vibrations is about 0.6 mm and the dynamic stress is 5−
+  MPa. As a result, the presence of the damping tube 

between the blades will help to control the range of vibrations and reduce dynamic stresses in addition to 

increasing the natural frequency and staying away from the critical area. Reducing the dynamic stress will 

increase the fatigue life of the blades. 

Also, the dynamic stresses in the first mode for a single blade and a group-blades are shown with red and 

blue dashed lines in the Fig. 22, respectively. The place of stress concentration in the blade fir tree root will 

be prone to high cycle fatigue cracks in the first mode in case of resonance. 
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Fig. 22. The graph of frequency response for 1st bending mode with the excitation fifth harmonic per-revolution of rotor. 

The frequency response diagram for the frequency of the 6th mode, which resonates under the effect of the 

42nd harmonic, is shown in the Fig. 23. A single blade is shown with a red line and a group blade is shown 

in blue line. In general, the amplitude in this mode is very low, and it seems that it is not a critical mode from 

the point of view of the OEM. 

 

Fig. 23. The graph of frequency response for 6th bending mode with the excitation fifth harmonic per-revolution of rotor. 
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Conclusion 

Failure analysis of a gas turbine group blade that connected with damping tube under operation about 40 

thousand hours was performed. The blades and damping tube were made by Waspaloy and IN718. The 

following results were obtained from this investigation. 

1. According to visual inspection, wear effects were observed on the surface of the damping tube. 

2. Microscopic images of the fracture section of the damping tube with 60x magnification show the effect of 

the pit on the outer surface of the damping tube. Around the pit, microcracks and the beach mark area, 

which is caused by fatigue crack growth, were observed. The presence of pits on the surface of the tube 

can create points with high dynamic stress concentration, which in combination with the mean stress under 

static loads will lead to fatigue crack growth and tube failure. As a result, the failure factor of the damping 

tube is a combined phenomenon called Erosion-Fatigue. 

3. The static stress analysis shows that in the case where the damping tube is healthy, the Von Mises 

equivalent stress is 561 MPa. In the event of erosion on the surface of the damping tube, the Von Mises 

stress increases up to 963 MPa. Considering that the yield stress of the IN718 alloy is 1027 MPa, it can be 

concluded that the pitting caused by erosion is the main cause of the failure of the damping tube. 

4. In the following, checking whether the initial design has been done correctly by the turbine manufacturing 

company (OEM), the sensitivity of the existing system is evaluated. The position of the tube installation 

and the internal diameter of the tube on the vibrations shows that the designer has considered the best 

choice to avoid resonance of the first bending mode. 

5. Cutting the damping tube causes a change in the boundary conditions of the blade and, as a result, a change 

in the natural frequencies, which has caused a 30% decrease in the frequency of the first bending mode of 

the blade. Reducing the desired frequency leads to the occurrence of blade resonance under the effect of 

the fifth harmonic excitation force. 

6. The dynamic stress calculations show that the first bending mode is the most critical mode. If the damping 

tube is damaged, the natural frequency of the first bending mode of the blade will decrease by 30% and 

will be exposed to resonance, which will result in a 2 times higher amplitude and 9 times higher dynamic 

stress compared to a healthy damping tube.  
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